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SUMMARY 

The performance of a heat pump, utilizing 8.16 square meters of low- 

cost solar collectors as the evaporator in a Freon-114’ refrigeration cycle, 

was determined under actual insolation conditions during the summer and fall 

of 1976. C.O.P.‘s greater than 3 were obtained with condensing temperatures 

around 78OC and evaporating temperatures around 27’C. Ambient temperatures 

were about 3OC above evaporating temperatures. Similar performance levels 

were obtained at other insolation and temperature conditions. Experience 

with the system has identified some component and system changes which 

’ should increase the obtainable C.O.P. to about 4.0. These are described 

along with the system’s design rationale. The accumulated data are pre- 

sented as an appendix. 

1 
Use of commercial products or names of manufacturers in this report does 
not constitute official endorsement of such products or manufacturers, 
either expressed or implied, by the National Aeronautics and Space 
Administration. 



INTRODUCTION 

Due to growing uncertainty regarding the availability of oil, 

natural gas, and propane, it seems probable that the reliance on electri- 

cal power for residential space heating will increase substantially in 

the future. To provide the anticipated capacity, electric utilities 

must initiate construction of additional power generation plants, thus 

tending to further increase a homeowner’s bill already inflated by high 

fuel costs. In an effort to partially offset the effects of such growth, 

u-i-i I ities and manufacturers are promoting the use of electrical ly-driven, 

vapor compress ion heat pumps. Typical air-to-air heat pumps, however, 

are generally suitable for heating only in areas with moderate winter 

temperatures, the power required for a given output being primari ly a 

function of the temperature difference between the heat reservoir and 

the heat sink. In fact, as this temperature difference increases (am- 

bient temperatures drop below about OOC), the system’s performance is 

reduced to the point that it is providing little more than resistance 

heating. Water and earth heat pumps have been developed but with limited 

acceptance and range of application. Consideration of these facts has 

prompted the concept of utilizing solar energy as a heat source for 

wintertime operation, thus increasing the geographical appl icabi I ity of 

the heat pump as well as reducing the power requirement (especially if 

adequate thermal storage is provided). The solar collectors may also be 

employed as a heat sink for cooling mode operation by rejecting heat at 

night through convective and radiative heat exchange with the ambient 

air and the night sky. 
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A brief review of refrigeration cycles would perhaps be helpful. 

The theory of operation of the heat pump is essentia I I y based on the re- 

versedRankine cycle as shown on the P-h and T-S diagrams given in Fig- 

ures 1 and 2, respectively. Referring to the basic equipment layout 

shown in Figure 3, the refrigerant enters the compressor as a low pres- 

sure, saturated vapor at point 1. In the compressor it is isentropical- 

ly compressed to the superheated condition at point 2. From point 2 to 3 

the high pressure vapor is condensed, giving up the latent heat of vapor- 

ization to the heat sink. The high pressure, saturated liquid leaving 

the condenser enters an expansion va I ve at point 3 where the refrigerant 

expands to a lower pressure prior to entering the evaporator at point 4. 

In the evaporator, the wet mixture vaporizes completely, absorbing the 

latent heat of vaporization from the heat reservoir. The saturated va- 

por leaving the evaporator again enters the compressor at point 1 as the 

cycle continues. 

The performance of a refrigeration machine is generally evaluated 

by means of the Coefficient of Performance (COP), defined as the ratio 

of the useful refrigerating effect to the power requirement of the com- 

pressor. For the heating mode operation of a heat pump, the useful re- 

frigerating effect is the heat rejected in the condenser, whereas for 

cooling mode operation it is the heat absorbed in the evaporator. Re- 

fering to Figure 1, the COP’s for the heating and cooling modes can be 

seen to be given as follows: 

h2 - h3 : 
‘OPh = h - h . 

COPc = 
h2 - hl L I 

where hi refers to the refrigerant en-l-ha 

value the COP may obtain for some operat 

Ipy at point “i”. The maximum 

ing condition is that of a 

3 
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reversed Carnot cycle (dotted I ines in Figures 1 and 2) operating at the 

same evaporating and condensing temperatures. The reversed Carnot cycle 

COP’s are given as follows: 

REVERSED CARNOT COPh = T 
T3 

_ T : 
3 1 

REVERSED CARNOT COPc = T 
T1 _ T 

3 1 

Thus, the smaller the difference between the evaporating and condensing 

temperatures, the greater the COP. This conclusion also holds true for 

the actual as wel I as the reversed Rankine refrigeration cycle. 

Solar-assisted heat pumps present two basic design alternatives. 

Consider the heating mode operation. I n one scheme, a conventional wa- 

ter (or air) solar col lection system (with thermal storage) supplies 

energy to the heat pump evaporator (see Figure 4). Typically, this is 

done by circulating water (or air) in a closed loop from the collector 

to the thermal storage. The heat pump then extracts energy from the 

storage and del i vers it to the load at the requ i red temperature. The 

second design alternative utilizes solar energy directly, the solar col- 

lectors functioning as evaporators and with thermal storage being provided 

on the condenser side of the heat pump (see Figure 5). General ly, for 

cooling mode operation, the heating mode functions of the evaporator and 

condenser are reversed for both design options, the heat sink being pro- 

vided by a cooling tower or forced air condenser. Systems based on the 

former concept (low side storage) have been developed by Yanagimachi 

in the Tokyo area and by Bliss in Tucson, Arizona. These systems both 

use water as the working fluid in unglazed, flat plate solar collectors. 

Alcone [l] presented an analytical investigation on the use of air-type 

solar collectors w ith rock-bin storage for use in conjunct ion with air- 

to-air heat pumps. 

6 
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The heating mode of the second design scheme (high si.de storage) 

was explored by Sporn and Ambrose in a system constructed in New 

Haven, West Virginia. This alternative was also investigated in a sys- 

tem built by mechanical engineering students under the direction of Dr. 

F. 0. Smetana at North Carolina State University at Raleigh. The 

results of heating mode performance testing of this system is the sub- 

ject of this report. 

The solar assisted heat pump system developed at North Carolina 

State was originally a subsystem of an alternative energy package de- 

signed and built by ten senior mechanical engineering students for par 

ticipation in a national competition organized by SCORE, Inc. (Student 

Competitions on Relevent Engineering) and held in Albuquerque, New Mex 

on August 12-16, 1975. After return from New Mexico, the system was 

partially modified for demonstration at the 1975 North Carolina State 

ice 

Fair under funding provided by the North Carolina General Assembly. The 

background and results obtained up to this time were reported in NASA 

CR-277 1, “Solar Assisted Heat Pumps: A Possible Wave of the Future”, 

December 1976. Subsequently, the heat pump portion of the system was 

instrumented and tested in detail. In this report, the various system 

modifications made during the course of performance testing will not be 

described in detai I. Pertinent design considerations as reflected in 

the above mentioned changes, however, are discussed in a later section. 

9 



DESIGN RATIONALE 

As pointed out in the previous section, the COP of a heat pump 

varies with the difference between the evaporating and condensing tem- 

peratures. Hence, for a given condensing temperature and output, the 

power requirement is reduced as the evaporating temperature is increased; 

the compressor does not have to pump the energy as far “uphi I I”. The 

performance of a solar collector, on the other hand, is basically a func- 

tion of the difference between the mean co1 lector temperature and the 

ambient temperature. This relationship is shown graphically in Figure 6 

for a flat p ate collector with different numbers of cover plates. The 

extract ion e ficiency is defined as the ratio of useful energy removed 

from the col ector to the solar energy f I ux norma I to the col lector sur- 

face. Thus, for a given ambient temperature, it is advantageous to 

operate the col lector at as low a temperature as possible while sti I I 

satisfying the desired output requirements. 

Consideration of the relationships stated above suggests that the 

performance of both the solar collector and the heat pump can be material- 

ly improved if the two are combined in a single system. While an in- 

crease in overall system efficiency is the primary attraction of the so- 

lar assisted heat pump, several additional advantages may also be 

real ized. First consider the solar collector. As operating tempera- 

tures are dropped, the col lector becomes moreeff icient, thereby reducing 

the total area required for a given output. Additionally, one cover 

generally sufficient plate, or possibly no cover in milder climates, is 

to ma i nta i n acceptab I e performance. These factors 

stantially lower collector weight and costs, espec 

lations. 

10 
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Since a halocarbon type refrigerant is most I ike 

heat pump, the collector is free from freezing in 

ly to be used in 

the cold cl imates, a 

ser ious problem in col lectors using water as the working fluid. The use 

of a halocarbon refr,igerant also permits the utilization of aluminum for 

the construction of the absorber panel without fear of corrosion or 

electrolysis (if dissimilar metals are used for piping connections). 

Prefabricated aluminum panels are readily available, light in weight, 

and relatively inexpensive, thus further contributing to the reduction 

of overa I I col lector system cost. The heat pump also allows the col- 

lection of solar energy during unfavorable conditions (although at the 

expense of increased power consumption) which can permit a reduction of 

the therma I storage requ i red. 

uti I 

name 

rang e 

With regard to the heat pump itself, the principal advantages of 

zing solar energy as the heat source have already been discussed, 

y improved performance (reduced power requ i rements) and increased 

of applicability. Another consideration is that lower temperature 

differences between the condenser and evaporator are accompanied by a 

reduction of the pressure ratios across the compressor. This should re- 

sult in extended compressor life and increased reliability as there is 

less strain on the compressor components. 

An additional possible advantage of a solar heat pump installation 

arises with regard to the daily distribution of load demands on the 

electric utility. The heat pump avoids typical residential demand peaks 

by operating during the day in winter and at night in the summer. In- 

dications are that peak pricing 

future. I f so, this factor wou 

of the solar assisted heat pump 

12 
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The major drawbacks suffered with the use of the heat pump system 

are increased mechanical complexity, high init al cost, and higher oper- 

ati ng costs. While in relatively large instal ations, the reduction in 

collector cost should more than offset the additional costs incurred 

with the heat pump system, smaller installations may not fare as well. 

The requ i rement for power to drive the compressor may not be acceptable 

for some applications, although this energy is nearly completely re- 

coverab le during heating mode operation. The increased mechanical com- 

plexity of the heat pump system not only influences the initial cost, 

but demands periodic maintenance as well. Another drawback is that oper- 

ation of the system under the high pressures required with most refri- 

gerants increases the probability for leakage, an important economic as 

well as environmental consideration. 

In comparison with the relative simplicity of conventional water or 

air solar collection systems, the disadvantages stated above may appear 

serious. The situation takes on a different light, however, when con- 

sideration is given to the fact that both heating and cooling are pro- 

vided by the heat pump system. A cost and performance comparison study 

by Rosar between a R-22 solar assisted heat pump and an ammonia ab- 

sorption cooling and heating system concludes that the R-22 system is 

the more cost effective option. Of course, for a specific application, 

a detailed economic investigation should be undertaken before the selec- 

tion of any one system approach. 
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DESCRIPTION OF THE NCSU HEAT PUMP SYSTEM 

A layout of the heat pump system as it was first constructed is 

shown in Figure 7. Primary considerations in the selection of the 

equipment shown were cost, availability, portability, and compatibility 

with the wind machine output characteristics. Portab i I i-i-y was necessary 

due to the requirement of transporting the system to New Mexico for par- 

ticipation in the SCORE competition. The last factor stated above 

stemmed from the need for the overall system to be energy self-suffici- 

ent. This resulted in the requirement that the compressor be externally 

driven, the output of the wind machine being compressed air used to drive 

an air motor. 

During initial testing of the system, the wind machine was replaced 

by a .746 kW electric motor to drive the compressor. Further modifica- 

tions to 

(1) 

(2) 

(3) 

(4) 

(5) 

(6) 
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the original system and a brief description of each follows: 

The thermostatic expansion valve malfunctioned and 
was replaced by a manua I throttl ing valve to afford 
greater control of refrigerant flow to the evaporator. 

An oi I separator was added to the compressor d is- 
charge I i ne to a id in oi I return to the compressor. 

The condenser was removed from the water storage 
tank and replaced by an external shell and tube con- 
denser, the water being pumped in a closed loop be- 
tween the storage tank and the condenser. 

The liquid receiver was removed since excess refri- 
gerant cou I d be stored in the condenser. 

A suction line accumulator was installed to protect 
the compressor from possible liquid carryover from 
the evaporator during quickly fluctuating loads. 

The motor power was changed to 1 .12 kW and compres- 
sor speed was increased in an effort to boost system 
capac i ty . Eventually, the belt driven automobile 
compressor-electric motor combination was replaced 
by a 3.73 kW hermetically sealed heat pump compressor. 
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(7) A larger shel 
the system in 
tures. 

A schematic of the fina 

and tube condenser was installed in 
an effort to reduce condensing tempera- 

system layout is shown in Figure 8. More 

detailed descriptions of some of the principal system components are 

given below. 

1. So I ar Co I I ector-Evaporator 

The solar collector-evaporator system consists of four units, each 

of about 2.044 square meters of a combined total of 8.176 square meters 

col lector area. Construction is of 5.08 cm x 10.16 cm wood framing. 

Polyurethane foam insulation was sprayed behind the absorber plate to a 

nominal thickness of about 5.5 cm. The absorber plate is an aluminum 

Roll-Bond panel manufactured by Olin Corporation (Model RB-7727). De- 

tails of the f low distribution and the dimensions of the flow passages 

are shown in F igure 9. The plate s covered with an experimental 

“pa i ntab I e” se lective coating consi sting of PbS precipitate mixed with 

an activated silicone resin (Dow Corning paint El-9752, Resin 825, 55 

wt% PbS). G lazing for the collectors is 4 mi I “Tedlar” PVF f i Im (DuPont 

400BG20TR). The film transmits about 92-94% of the total inc ident solar 

energy, with main losses caused by surface reflection. It is sl ightly 

superior to glass in short wave transmittance, but is not as nearly 

opaque to the long wave radiation emitted by typical flat plate absorber 

panels. Selection was primarily based on considerations of weight and 

damage resistance. 

2. Compressor 

The 3.73 kW compressor, 

was necessary to provide add 

16 

selected on a basis of cost and availability 

itional system capac ty. It is a standard 
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heat pump compressor manufactured by Copeland (Model YRE4-0500-PFB). 

The unit is hermetically sealed and designed for R-22 refrigerant. Com- 

pressor displacement is 24.3 m3/hr. Cooling is provided by suction gas 

enter i ng the compressor. 

3. Refrigerant 

The refrigerant selection was based on the following general con- 

siderations: (1) compatibility with system components at operating con- 

ditions; (2) cost and availability; (3) compatibility with common lubri- 

cants; and (4) safety. Due to structural limitations the maximum al- 

lowable working pressure in the evaporator is 5.52 bars gage. Thus, the 

refrigerant pressure must not exceed this I imit at the expect ed operating 

tempera tu res . This factor immediately eliminates the use of the more 

common refrigerants R-12 and R-22. However, since most read ly avai I- 

able refrigeration components are designed for these refrigerants, the 

refrigerant chosen must possess characteristics as similar to R-12 and 

R-22 as possible. 

The refrigerant chosen to satisfy these requirements is R-114 

(CC I F2 - CCIF2). In addition to meeting the pressure conditions stated 

above, its physical properties (excluding density and boiling point) 

very nearly para I lel those of R-12 and R-22, thereby making the use of 

components designed for these refrigerants possible if suitable sizing 

requirements are fulfi I led. 
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PERFORMANCE TESTING PROCEDURE 

The overall objective of the performance test was to obtain suffi- 

cient data to determine complete energy balance of the system operating 

under various conditions. The evaluation of system performance was made 

following accepted refrigeration practice and sotar energy standardization 

procedures. Accordingly, the resu Its are presented in terms of the heat 

pump coefficient of performance (COP) and the solar energy extraction ef- 

ficiency as they vary under different combinations of solar intensity, am- 

b ient temperatures, and condensing temperatures. The system layout during 

the performance testing was essentially as shown in Figure 8 with the ex- 

ception of a heat sink provided by a heat exchanger mounted in a forced 

air duct. The coil was located between the circulating pump and the stor- 

age tank, piping being provided by rubber hoses. The fan in the duct sys- 

tem could be operated intermittently as the need for a heat sink was indi- 

ca ted. 

In order to generate the desired outputs stated above, the relevant 

parameters measured and/or recorded are as fol low: 

(1) ambient temperature, (2) general atmospheric conditions, (3) incident 
solar flux (beam plus diffuse) normal to the collector surface, (4) elec- 
trical energy required to drive the compressor, (5) cooling water flow 
rate, (6) cooling water temperatures at condenser inlet and outlet, (7) 
high side (condenser) pressure, (8) low side (evaporator) pressure, (9) 
suction temperature at the compressor inlet, (10) discharge gas tempera- 
ture at the compressor outlet, (11) discharge gas temperature at the con- 
denser inlet, (12) liquid temperature at the condenser outlet, (13) liquid 
temperature at the expansion va Ive inlet, (14) I iquid-vapor temperature 
at the evaporator inlet, (15) suction gas temperature at the evaporator 
outlet, (16) temperatures of the lower, middle, and upper portions of the 
absorber pane I, and (17) refrigerant flow rate. 

Power required to drive the circulating pump and heat sink fan was 

not measured since only the performance of the heat pump itself is under 

consideration. A brief description of the instrumentation employed for 

data collection is given below. 

20 



1. Solar insolation:, The solar radiation (beam plus diffuse) was mea- 

sured with an Eppley Black and White pyranometer model 8-48. Readout in- 

strumentation was provided by a Leeds and Northrup strip chart, mi I I ivolt 

potent i ometr i c recorder mode I 69800. Standardization of the pyranometer 

was furnished by Eppley. 

2. Temperature: Temperatures throughout the system were measured by iron- 

constant-an thermocouples suitably attached at the desired locations. Read- 

out was provided by a Leeds and Northrup Speedomax G strip chart, multi- 

point potentiometric recorder model 60362. Calibration was established 

through the use of ice bath and boiling water constant temperature sources. 

3. Flow rates: Cooling water flow rate was measured by a suitably cali- 

brated rotometer. Refrigerant flow rate was measured by a Fisher and 

Porter variable area flowmeter model Ml-1186/l designed for R-12 at a 

specific gravity of 1.29. Calibration of the instrument for R-114 was 

not suitably established. Consequently, determination of the refrigerant 

flow rate was made through a heat balance on the condenser. 

4. Pressure: The system pressures were measured with Bourdon-tube gauges 

fixed in the piping system and by a standard refrigeration test manifold 

attached at the compressor inlet and discharge lines. 

5. Electrical energy: Electrical energy required to drive the compressor 

was measured by a standard voltmeter, ammeter, and wattmeter. 

Data were generally recorded in one-half hour increments, except as 

noted in the remarks above. While the bulk of data were taken on sunny 

days, testing was also performed during unfavorable conditions. This 

was done to establish lower operating limits and to obtain time lag 

characteristics of the system when operating under rapidly fluctuating 

loads. 

21 



RESULTS OF HEATING MODE PERFORMANCE TESTING 

Data taken during the heating mode performance testing is given in 

Appendix 1. The data included are limited to those taken while the system 

was operating in a relatively steady state manner. System operating 

characteristics for selected days are shown graphically in Figures 10 and 

19. Sky conditions were clear except for October 30th when the sky 

was completely overcast. Note the scale displacement in Figure 16. 

The relatively high condensing temperatures for the July 16th and 

August 12th test dates were due to the inadequate surface area of the 

sma I I er condenser. The remaining data shown were taken after the instal- 

lation of the larger condenser. However, it was found that the heat 

sink arrangement did not function as hoped due to excessive pressure 

drop in the heat exchanger. Therefore, the cooling water was circulated 

in a closed loop from the storage tank to the condenser. Thus, as energy 

was added to storage a rise in condensing temperatures resulted and sys- 

tem operation eventually had to be discontinued when the condensing tem- 

perature reached about 80°C. 

The solar collector efficiency presented in this report is defined 

as the ratio of useful heat gain from collector to the incident solar 

flux normal to the col lector plate. As can be seen from the graphs, the 

efficiency remained very high for all four days. In fact, efficiencies 

of greater than 100% occurred if evaporating temperatures dropped below 

the ambient temperature as on October 30th. This would be expected as 

the collector would also be absorbing heat from the surrounding air. 

While the typical coefficient of performance (COPhI value of about 

3 is not unacceptable, it is below expectations. It is felt that this 

22 
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is a result of a poor refrigerant - compressor - motor match, leaky 

valves and piston rings in the compressor, and inadequate capacity con- 

trol. 

As discussed in previous sections, the solar collector plate re- 

quired the selection of a relatively low pressure refrigerant. But most 

readily available refrigeration equipment is generally designed for R-12, 

R-22, or R-502. An externally driven compressor was found to be beyond 

budget restrictions and therefore, a R-22, hermetically sealed compressor 

was selected on the basis of the displacement requirements of R-114 un- 

der expected maximum load conditions. Since R-22 is a more dense refri- 

gerant the motor power capab i I i ty of the sea led compressor unit was over- 

sized, resu I i-i ng in somewhat poorer performance. This effect is shown 

more clearly in Table I which tabulates theoretical operating character- 

istics for one ton of heat removed from the evaporator. 

Note that for standard air conditioning temperatures of 27.2OC - 54.4OC 

a five ton, R-22 machine would displace about 17.24 m3/hr and require 

4.18 kW. This displacement would correspond to that required for R-114 

at temperatures of 25OC and 60°C at a load of a little over two tons. 

However, the power necessary for the R-114 machine at this operating 

condition would be only .925 kW or less than one-fourth the power avail- 

able. Thus, the motor would operate at much below its rated capacity. 

It is felt that the COPh was also adversely affected when the sys- 

tem operated at reduced loads. Since the only capacity control on the 

system was the manual expansion valve, no means of a I tering compressor 

displacement was available. This resu I ted in lower evaporating pressures 

and a subsequent increase in power requirements and drop in the coeffi- 

cient of performance. 
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TABLE I. Comparison of Operating Characteristics for Refrigerants R-22 and R-114. 

Evaporating Temperature 'C -15 4.4 27.2 25 
-- 

Condensing Temperature 'C 30 40.5 54.4 60 

REFFiICERANT R 22 R 114. R 22 R 114 R 22 R 114 R 22 R 114. 

Refrigerating g 
Effect 162.8 101.6 156.5 101.1 138.3 96.7 135.7 99.9 

Theoretical kg 
Liquid Circulated ton min 1.30 2.20 1.35 2.10 1.52 2.18 1.55 2.11 

Theoretical m3 
Compressor - ton hr 
Displacement 

6.03 32.77 3.31 15.56 3.45 14.71 2.11 8.31 

Theoretical kW 
Compressor Power ton .768 .858 .553 .538 .835 .680 I ,524 .446 

Requirement 
I./I/I 



Leaky valves and piston rings in the compressor are felt to be re- 

sponsible for the rather dramatic decrease in I ine-to-gas efficiency of 

the compressor unit. Line-to-gas efficiency is taken to be the ratio of 

the enthalpy change of the refrigerant across the compressor to the 

electrical work input. Efficiencies of about 85% to 90% were typical 

when the unit was relatively new while values dropped to about 60% by the 

end of the performance testing. Excessive discharge temperatures and 

inadequate oi I return are the most I ikely causes for the leakage. If a 

line to gas efficiency of 85% had been maintained during the entire test- 

ing period, the COPh would have been considerably improved. For example, 

on November 11th the COP would increase to the dotted Ilnes shown in 
h 

Figure 19. The mean value of about 4.0 is considered well within the 

range attainable with more refined system design. Recommendations with 

regard to insuring adequate oi I return and decreasing discharge tempera- 

tures are given later in this report. 

As was mentioned earlier,some data were taken while operating the 

system under rap idly f I uctuati ng loads. This was done primarily to 

establish time lag characteristics for use in the selection of refriger- 

ant flow and system capacity controls. Figure 20 shows changes of upper 

panel and compressor inlet temperatures for a period of highly variable 

solar intensity. The damping effect is due to the suction line accumu- 

lator which functions as a thermal capacitance while fulfilling its pri- 

mary role of protecting the compressor from I iqu i d carryover. A discus- 

sion of recommended refrigerant flow controls is given in a later section. 

It should be noted here that whi le care was taken to insure as ac- 

curate measurements as possible, budget and time restraints required 

some compromises. Instrument selection was general ly restricted to what 
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was on hand in the department, the only notable exception being the py- 

ranometer. Therefore, due to instrumentation inaccuracy, the data pre- 

sented should be regarded as qualitative. It is felt, however, that the 

soundness of the basic principal of the solar assisted heat pump concept 

is clearly demonstrated. That is, an improvement of both solar collec- 

tion efficiency and heat pump coefficient of performance can be realized 

through the use of such a system. 
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DESIGN CONSIDERATIONS AND RECOMMENDATIONS 

Heating cycle operation of the heat pump system presented several 

problems that perhaps are not normal ly encountered in more conventional 

refrigeration systems. The most outstanding of these was compressor 

overheating, which eventually led to valve failure in the belt driven 

automobile compressor initially used in the system. This problem, while 

aggravated by the fact that heating mode operation was being performed 

during the summer months, was primarily a result of inadequate compressor 

capacity and poor lubrication. The insufficient capacity stemmed from 

an underestimation of the effectiveness of the solar panels at the de- 

sign stage. The predictable outcome was substantial superheating of the 

suction gas, resulting in excessive discharge temperatures. 

The high compressor temperatures also contributed to lubrication 

problems as more oil was carried out by the refrigerant than would normal- 

ly be expected. Had the oil been circulated throughout the system and 

returned to the compressor, I i tt le damage wou I d have occurred except re- 

duced effectiveness of condenser and evaporator surfaces. However, while 

the system was pumped down for expansion valve replacement, it was found 

that a considerable amount of oil had become trapped in the lower portion 

of the solar panel evaporator. Ideally, the evaporator tube sizing 

should be small enough to insure adequate refrigerant velocity to carry 

the oi I to the suction I ine and the compressor. Practical ly, however, 

this condition is not always obtainable due to the large vertical rise 

of the collectors and the relatively large range of flow rates required 

to meet fluctuating load demands. Extended operation of the system 

therefore resulted in inadequate compressor lubrication, which further 
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added to the overheating problem and the eventual valve failure. 

In an effort to overcome these difficulties, a larger motor was ob- 

tained to drive the compressor and an oil separator was installed at the 

compressor d i scharge. Additionally, compressor speed was increased and 

a higher viscosity oi I was secured. Results of these modifications were 

general ly favorable, although system capacity was still not adequate, 

probably attributable to leaky compressor valves and piston rings. The 

oil separator functioned fairly well, but refrigerant condensed in it 

during the off cycle. This required manually throttling the oil return 

I ine to prevent I iquid flood-back to the compressor during start-up. 

Further complications arose over long term operation since the separator 

was not 100% efficient and oil eventually became trapped in the evaporator 

once again. 

As more funds became available, a 3.73 kW hermetically sealed R-22 

compressor was obtained and installed in the system. The oi I separator 

was placed on the discharge line as before, the oil return line being 

joined to the suction line just upstream of the compressor. This change 

resulted in more than adequate capacity and the system performed reason- 

ably wel I, although not up to expectations (as discussed in another sec- 

tion of this report). However, toward the end of the testing period the 

compressor had become considerably more noisy and somewhat less efficient, 

again, probably due to loss of oil and/or valve and piston ring leakage. 

Several possible solutions exist with regard to the oil return prob- 

lem. During the off cycle, the oi I and liquid mixture in the evaporator 

may be drained to the accumulator. Upon start-up, the oil and liquid re- 

frigerant mixture would then be metered to the suction line. This 
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alternative has the disadvantage of requiring additional piping and con- 

trols and a significantly larger accumulator. Vapor leaving the evapo- 

rator would also have to be superheated to a greater extent as it would 

give up heat to the liquid stored in the accumulator. 

Another and perhaps more promisi,ng solution to the oi I return prob- 

lem would be to operate the system with a flooded evaporator. This al- 

ternative would materially shorten the length of travel of the vapor 

borne oi I in the evaporator, thus reducing the opportunity for entrap- 

ment. A concept of refrigerant control developed by Harnish known 

as the Hi/Re/Li System carries this approach one step further by operat- 

ing the evaporator in a completely wetted manner. The additional heat 

required for vaporization is provided by the hot liquid leaving the con- 

denser by means of a heat exchanger-accumulator combination. A scheme 

of this type would more nearly fulfill the oil return requirements, re- 

quire no additional piping, and, according to Harnish, possesses addi- 

tional benefits as well. While the operating characteristics of the 

Hi/Re/Li System are discussed in greater detail in the controls section, 

it would seem that this approach, perhaps used in conjunction with an 

oi I separator, would be the most satisfactory from the standpoint of in- 

suring adequate compressor lubrication. 

Refrigerant Control System 

The control system, in order to insure maximum effectiveness of the 

solar assisted heat pump, must maintain proper refrigerant flow through 

the system under a very large range of operating conditions. The heat 

pump bui It at North Carol ina State University was originally equipped 

with a thermostatic expansion valve and a manual suction gas throttling 
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valve as the only means of refrigerant control. After determination 

that the thermostatic valve was malfunctioning, it was replaced with a 

manual expansion valve. Experience gained with this type of control 

system duri ng the testing program has provided the author with a greater 

insight of the requirements of an automatic control system, the funda- 

mental characteristics of which are discussed in this section. 

While control of the cooling mode operation requ ires careful at- 

tent ,ion, heating mode operation imposes a more severe burden on the con- 

trol system and therefore should be the dominant consideration in selec- 

tion of controls. The primary variables encountered in heating mode 

operation are (1) the evaporator load as determined by solar energy 

availability and, to a lesser extent, (2) the condensing temperature as 

determined by the temperature of the storage 

Varia l-ions in the solar load may be div 

categories : 

medium. 

ded into the following 

(1) Very long term due to monthly variations in solar 
avai labi I ity. 

(2) Relatively long term due to daily variat ons in 

and 

(3) Short term due to constantly chang 
abi I ity on part ly cloudy days. 

solar avai labi I ity. 

ing so 

A further complication of the load situation descr 

regard to the magnitude of the fluctuations within 

ar avail- 

bed above arises with 

each category. Short 

term variations can often approach, in amplitude, the range of daily 

loads, but in a nearly stepwise manner as, for example, when dark clouds 

move across the sky during w 

qu i rements for the very long 

indy, partly 

term variat 
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a design standpoint in that they are satisfied by a system fulfilling 

the demands encountered in categories (2) and (3). 

Two basic means of control are most commonly used in refrigeration 

systems. They are (1) compressor capacity adjustment and (2) refriger- 

ant flow control by means of valves within the piping system. In order to 

operate at as high an efficiency as possible, compressor capacity con- 

trol is necessary for large load variations. Refrigerant flow control 

by means of adjustable expansion devices is required for smaller varia- 

tions to eliminate the need for continual adjustment of the compressor 

capacity (which may not even be possible). Therefore, it is felt that 

the most satisfactory approach is to establish a balance between these 

two basic means of refrigerant flow control. 

Compressor Capacity Control 

Several alternative methods of compressor capacity reduction may be 

employed in the design of refrigeration systems. Since centrifugal com- 

pressors are generally applicable only in large industrial instal lations, 

this discussion is limited to positive displacement compressors. The 

means most frequently used for positive displacement machines are (1) 

variable compressor speed, (2) intermittent running (possibly with mu 

tiple compressors), (3) suction valve unloading, (4) hot gas by-pass, 

and (5) suction I ine throttling. The first three of the above mentio 

I- 

ned 

methods alter capacity by changing compressor displacement. The remain- 

ing two methods accomplish their purpose by altering the characteristics 

of the refrigerant flow through the compressor. Haseltine and Qvale 

made a thermodynamic performance study of the latter three reduction 

techniques with additional comments regardi ng the others. Some 
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conclusions with respect to performance as wel I as the relative advan- 

tages of these methods follow: 

1. Variable speed 

Variable speed is the most thermodynamically efficient 

method, but suitable drives are expensive, especial- 

ly on small machines. Fixed multiple speed electric 

motor drives may be more readily available and eco- 

nomical ly competitive. 

2. I ntermi ttent running 

I nterm ttent runni ng is regarded rough on math i nes i f 

cyc I ed too often. Stepwise reduction by the use of 

multip e compressors in parallel is more desirable 

for large capacity requirements. This would permit 

servicing of a compressor without total loss of system 

operation. Compressors may also be rotated periodical- 

ly to equalize running time. Additional ly, relative- 

ly large system capacities may be attained by the use 

of single phase machines, an important cons i derat ion 

for residential appl ications. However, high initial 

cost for compressors and suitable controls is a draw- 

3. Suction valve unloading 

suet ion valve unloading is superior to hot gas by- 

pass and suction I ine throttl ing, but requires more 

camp lex machinery and is limited to larger instal lat 

back. The reliabi Iity of the smaller machines when 

subject to heating mode operating conditions is also 

a consideration. 

ions. 
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4. Hot gas by-pass 

Hot gas by-pass affords I i ttle or no reduction of com- 

pressor power requirements at reduced capacity and 

leads to high discharge temperatures. It is superior 

to suction line throttl i,ng for la,rge capacities and 

low pressure ratios. Advantages of this method are 

relative simplicity and low cost. 

5. Suction I i ne throttl ing 

Suction line throttling control characteristics are 

similar to hot 

does not lead 

It is more eff 

sure ratios. 

gas by-pass with the exception that it 

o excessive discharge temperatures. 

cient at low capacities and high pres- 

Consideration of the various characteristics stated above suggest 

that multiple speed or suction valve unloading would probably be the 

most suitable method of capacity reduction for large commercial or in- 

dustrial applications where three phase power is available. 

However, it is felt that intermittent running of multiple compres- 

sors is the most desirable alternative for residential applications. A 

schematic of a possible arrangement is shown in Figure 2L Stepwise re- 

duction of capacity is accomplished by pressure switches which are set 

at varying levels and operate by sensing the suction line pressure. A 

reduction in the evaporator load is accompanied by a drop in the suction 

line pressure which eventually results in shutting off a compressor. 

This process continues until compressor capacity has been reduced to the 

required level to match the evaporator load. The stepwise capacity 
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reduction perhaps may be attained more easily through the use of a staged 

thermostat that senses suction I ine temperature and activates or deacti- 

vates compressors accord i ng I y . 

Refrigerant Flow Controls 

Most refrigerant flow controls in use today may be classified ac- 

cording to the type of evaporation technique employed in the refrigera- 

tion system, of which there are two types, the flooded system and the 

dry expansion system. The dry expansion system is character i zed by 

metering to the evaporator only that amount of refrigerant n e eded to 

handle the load so that the vapor leaving the evaporator is n a some- 

what superheated state. One consequence of this approach is that the 

liquid level in the evaporator varies with large, long term- oad fluc- 

tuations, the more heat to be absorbed, the higher the liquid level. 

Under maximum load conditions the evaporator is nearly full of liquid, 

while at reduced loads the liquid level may be quite low. Operation of 

the dry expansion system at the reduced loads often encountered in the 

solar-assisted heat pump has two disadvantages. First, a large portion 

of the evaporator surface is not fully wetted, resulting in poor heat 

transfer to the refrigerant. Second, and perhaps of greater significance, 

is the tendency for compressor oi I to become trapped in the evaporator, 

he high vertical rise of the solar of particular importance in view of t 

co I I ectors. 

In dry expansion systems operati ng under varying loads, the amount 

of liquid entering the evaporator is generally controlled by means of a 

thermostatic expansion valve which is set to maintain suction gas super- 

heat within narrow limits. This is accomplished by means of a refrigerant 
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charged bu I b attached to the exit ine of the evaporator which responds 

to changes in temperature. In the solar-assisted heat pump, however, 

the quickly changing solar availab lity may result in poor valve re- 

sponse. For examp I e, if the load is suddenly reduced as when the sun 

becomes blocked by a cloud, time lags within the system may result in 

liquid leaving the evaporator before the expansion valve has had an op- 

to decrease the refrigerant flow. This situation necessitates 

ion of a suction line accumulator to protect the compressor 

portun i ty 

the addit 

from I iqu 

responded 

in excess 

id flood-back. On the other hand, by the time the va I ve has 

to the reduced load, that cloud may have moved on, resulting 

superheat. Thus, under quickly varying load conditions, a 

thermostatic expansion valve has a tendency to “hunt”, resulting in poor 

evaporator performance. However, system performance itself may not suf- 

fer to the same degree since the accumulator provides a thermal capaci- 

tance (see page 35 ) . A possible means of reducing expansion valve hunt- 

ing in a system of this type would be to use a valve that would directly 

respond to changes in solar insolation. This might be accomplished by 

using an electronic valve coupled with a solar cell or similar type de- 

vice. 

Many of the drawbacks of the dry expansion system may be el iminated 

through the use of a flooded evaporator (see Figure 22). In this ap- 

proach, the I iquid level in the evaporator is kept within narrow I imits, 

typically by means of a low side float valve located in an accumulator 

or surge drum that is in parallel with the evaporator. Suction vapor is 

genera I ly drawn off the top of the evaporator or accumu later. Compres- 

sor oi I not carried with the vapor may be metered to the suction I i ne 
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through a b leed ho I e or returned to the compressor through a trap, de- 

pending on the refrigerant and type of compressor in the system. Prin- 

cipal advantages of the flooded system include the following: 

(1) more reliable oil return, as discussed in the pre- 
vious section, 

(2) improved heat transfer since evaporator surfaces are 
more camp I ete I y wetted, 

(3) more flexibility with regard to refrigerant distri- 
bution when several evaporators are used in paral lel, 

(4) I ittle or no superheat, thus keeping compressor dis- 
charge temperatures low, especial ly important for 
suction gas cooled hermetically sealed units, 

(5) somewhat lower evaporator temperatures, resulting in 
improved solar collector efficiency, 

and 

(6) a ready supply of liquid refrigerant to meet fluc- 
tuati ng loads (system wi I I not hunt). 

As may be noted from the above, it is felt that the flooded system 

is a more advantageous choice for a solar-assisted heat pump installa- 

tion. Difficulties may arise, however, in the necessary vertica I place- 

ment of the accumulator with respect to the solar col lector-evaporators. 

Additionally 

operation un 

the des i red 

another accumu later would be necessary for cool ing mode 

ess the condenser was placed at nearly the same height as 

heating liquid level in the solar collector (during the 

mode). While these drawbacks are clearly not serious, they 

ed by adoption of the Hi/Re/Li System mentioned in the prev 

Since the author has found little indication of widespread 

may be avoid- 

ious section. 

fami I iarity 

with this system, its operation is described somewhat in detail. 
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Hi/Re/Li Refrigerant Control System 

Schematics of the Hi/Re/Li System’s heating and cooling cycles are 

shown in Figures 23 and 24. The basic departures from a conventional 

refrigeration system found in this scheme are the use of an accumulator- 

heat exchanger combination and a liquid subcooling control valve. Con- 

sider the heating cycle. Hot I iqui d leavi.ng the condenser, subcooled 

only a sma I I amount, say 6OC, flows through the manifold check valve, on 

through a small heat exchanger in contact with the suction line, and 

final ly to the accumulator-heat exchanger combi nation. Here the hot 

I iquid, already slightly subcoo ed by the suction line vapor, gives up 

additional heat to the relative y cool liquid stored in the accumulator 

and leaves substantially subcoo ed . After flowing through a fi Iter 

drier, the liquid is expanded through the subcooling control valve to 

evaporator pressure. Since the liquid entering the control valve is sub- 

cooled much more than is customary in conventional systems, each pound 

of refrigerant circulated through the evaporator has a greater heat ab- 

sorbing capabi I ity. However, when the compressor is in balance with the 

condenser and evaporator (components sized correctly), it circulates 

only a fixed amount of refrigerant vapor for each ton of refrigeration. 

Thus, a greater amount of refrigerant is fed to the evaporator than can 

be vaporized by the heat available, resulting in a wet mixture leaving 

the unit. The mixture of vapor and I iquid flows from the evaporator to 

the accumu I ator-heat exchanger. Here the additional heat required for 

vaporization is provided by the hot, high pressure I iquid discharged 

from the condenser. Since excess refrigerant is stored in the accumula- 

tor (it functions much I ike a I iquid receiver in this regard), only 
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sl ightly saturated vapor is drawn through the U-tube to the compressor. 

Oil and some liquid are slowly metered to the suction line through a small 

bleed hole at the bottom of the U-tube. The small amount of liquid re- 

frigerant in the suction line is subsequently vaporized by heat absorbed 

i n the sma I I heat exchanger. Thus, there is minimal superheat of the 

suction gas and oil is continuously returned to the compressor. 

Basic refrigerant flow control in this system is provided by the 

liquid subcooling control valve. It functions as an ordinary expansion 

valve, but rather than responding to evaporator conditions, its purpose 

is to maintain a prescribed degree of subcooling of liquid leaving the 

condenser. The va I ve does this by sensing condenser pressure on one 

side ofa diaphragmand bulb pressure as determined by liquid temperature 

on the other. If subcool ing is inadequate, the valve closes somewhat, 

backing liquid up into the condenser unti I the proper degree of subcool- 

ing is achieved. Flow balanced with the compressor pumping rate is thus 

acquired while maintaining optimum conditions in the condenser. Since 

the condenser is not normally subject to sudden changes (thanks to nearly 

constant storage medium temperatures during the heating cycle or slowly 

changing ambient temperatures during the cooling cycle), the valve has 

no tendency to “hunt” and smooth control is achieved. 

Cooling cycle operation is essentially identical to the heating 

cycle, the evaporator and condenser switching roles as the reversing 

valve is changed. The manifold check valve operates automatically, re- 

spondi ng to the pressure reversa I s in the system. Any change in refri- 

gerant requirements is accommodated by excess refrigerant stored in the 

accumulator. 
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Deviations from the conventional dry expansion refr,igeration cycle 

associated with the Hi/Re/Li System can best be explained with the aid 

of the pressure-entha I py diagrams shown in Figure 25. The evaporati ng 

temperatures and pressures are identical for both the conventional and 

Hi/Re/Li System. “Y” indicates the heat absorbed in the evaporator (the 

same for both systems) while “X” represents the heat exchanged in the 

suction line and accumulator heat exchangers employed in the Hi/Re/Li 

System. Following the condensing I ine on the Hi/Re/Li System diagram, 

one can see the effect of the additional heat exchangers as the refriger- 

ant is further subcooled by the amount “X”. Thus, substantially less 

flash gas is produced during expansion and an almost completely liquid 

mixture is fed to the evaporator. Since the evaporator can only provide 

“Y” amount of heat (actually somewhat more due to improved heat exchange), 

the refrigerant is not completely vaporized when it enters the accumu- 

lator. Here, the additional heat required for complete vaporization is 

provided by the hot, high pressure liquid via the heat exchanger located 

in the accumulator. The suction gas leaving the accumulator is essential- 

ly saturated (not superheated the customary 5-8OC). If the smal I heat 

exchanger in the suction I ine is properly sized, the refrigerant enters 

the compressor only slightly superheated and compressor discharge tem- 

peratures are thereby kept as low as possible. 

Advantages of the Hi/Re/Li System for application to the solar as- 

sisted heat pump are as follows: 

(1) the completely wetted evaporator resu Its in improved 
heat transfer and reduces the likelihood of oil en- 
trapment, 

(2) liquid is not al lowed to back up in the condenser, 
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SYSTEM 

ENTHALPY ( J/Kg K) 

“x”=HEAT EXCHANGE IN SUCTION LINE AND ACCUMULATOR HEAT EXCHANGERS 

“y”= HEAT ABSORBED IN EVAPORATOR 

FIGURE 25. Pressure-Entha Ipy Diagrams for the Hi/Re/Li and 
Conventional Systems. 



thus optimizing its performance thrqugh more com- 
plete use of surface, 

(3) oil return to the compressor is continually provided 
without the need for an oi I separator, although one 
could be provided to reduce the amount of oil cir- 
culated in the system, 

c.4) compressor temperatures are kept as low as possible, 
thus extending unit life and reliability, 

(5) the compressor is protect 

and 

ed from I iquid flood-back, 

(6) reverse operation is simp Iified, not requiring addi- 
tional controls or accumu lators. 

Summary of Control System Recommendations 

Since numerous load fluctuations are encountered in a solar as- 

sisted heat pump, the control system must posses a high degree of flexi- 

bility, yet not be too sensitive to the very short term load variations. 

For residential applications, the Hi/Re/Li System of refrigerant control 

coupled with the use of multiple compressors is recommended. A schematic 

of such a system is shown in Figure 26. The use of multiple subcooling 

control valves is necessary to provide adjustment to large variations in 

system capacity. The soleno 

pressor is in operation. 

The short term load var i 

effectively damped by the th 

d valves are open when the respective com- 

ations expected on partly cloudy days are 

evaporator and the accumu 

cumulator to fulfi I I this 

ermal capacitance provided by the flooded 

I ator. Verification of the ability of an ac- 

function is demonstrated by performance test 

ystem. Figure 20 shows variations of solar Its of the heat pump s resu 

i nso 

as a 

lation, upper panel temperature, and compressor i n I et temperatures 

function of time for a partly cloudy day. Smal I variations in load 
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CONTROL 
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0 COMPRESSOR 
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OUT 

FIGURE 26. Proposed Control System Layout for a Residential Solar-Assisted Heat Pump. 



are handled by the liquid subcooling valve while the larger daily varia- 

tions are accommodated by altering the total compressor capacity. Thus, 

a balanced, smoothly operating control system that maintains the highest 

overall system efficiency is hopefully achieved. 
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APPENDIX 

HEATING MODE PERFORMANCE TEST DATA 
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